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Abstract
A new type of thermodynamic machine was designed and 
prepared for testing to evaluate its capability in extracting 
mechanical energy from low enthalpy heat sources. The system 
was completed with a newly designed rotary piston compres-
sor and expander to improve efficiency. A numerical model 
was set up using commercially available CFD code ANSYS 
Fluent to evaluate the performance of the compressor and to 
identify the fluid dynamic related loss sources. In attempt to 
increase computational efficiency 3D and 2D computations 
were compared to find the simplest model which provides suf-
ficient information to capture the important heat transfer and 
fluid mechanical features.
Keywords
Rotary compressor, Rolling piston compressor, CFD, Porous 
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1 Introduction
A new high efficiency compressor design was introduced 
as a part of a project where the aim was to find a new way 
to extract mechanical energy from low enthalpy geothermal 
resources.
(a)
DISCHARGE PORT
VANE
CYLINDER
PISTON
SUCTION PORT
(b)
Fig. 1 Traditional fixed vane rolling piston compressor [1]
(a) compared to the modified design (b)
The new design is based on the architecture of the classic 
rolling piston type compressors (Fig. 1(a)) which are widely 
used in air-conditioning and cooling systems because of the 
high volumetric efficiency due to the small clearance volume 
and correspondingly low re-expansion losses inherent in their 
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design [1]. To improve the performance, the original design 
was slightly modified [2] and unlike in the case of conven-
tional rolling piston compressors here the piston does not roll 
along the surface of the cylinder but instead the piston is sol-
idly mounted on the drive shaft (Fig. 1(b)). This design makes 
it similar to the trochoidal compressors which do not require 
extremely small and expensive manufacturing tolerances 
because of the closed sealing border of the compression space 
and neither do they need oil for sealing [1]. The spring loaded 
blade which separates the suction and the pressure side is also 
replaced by a vane which is driven directly by the drive shaft 
to keep the sealing clearance constant without increasing the 
friction losses induced by the traditional spring loaded blade.
Apart from these differences in design the compression pro-
cess is similar to the traditional rolling piston compressors az 
shown in Figs. 2 and 3 where (n* = 0.102). 0o crank angle is 
defined where the center of the rotation and the center of grav-
ity of the piston is aligned with the contact point of the vane. 
The suction process starts when the piston passes over the suc-
tion orifice. During the suction part of the cycle, gas is drawn 
through a suction port into the suction chamber as its volume 
is increased. Simultaneously, the compression and discharge 
processes take place in the decreasing volume for the other 
chamber, on the opposite side of the piston and vane. The gas 
is compressed until the pressure in the compression chamber 
becomes higher than the pressure in the discharge line. Then 
the discharge process takes place until the piston passes over 
the discharge orifice [3].
(a) 0° (b) 90°
(c) 180° (d) 270°
Fig. 2 Pressure distribution within the cylinder at different
crankshaft positions
Fig. 3 Relative volume of the pressurized volume in function of the 
crankshaft position
It is known that the actual P-V diagram differs from the 
ideal thermodynamic cycle and the deviation of each of the 
thermodynamic processes of suction, compression, discharge 
and expansion from the ideal are attributable to fluid dynamic 
causes. For example the most important process of compres-
sion is affected by leakage, unsteady heat transfer across the 
boundaries of the compression volume and some viscous shear 
at the boundaries. To identify and quantify these phenomena 
Computational Fluid Dynamics (CFD) is known to be a very 
economical tool during evolutionary design process [4]. There-
fore CFD tools were used extensively in former studies mod-
eling rotary compressors. Chun Hui et. [5] used CFD models 
in their study to compare the performance of a two cylinder 
rolling piston type compressor equipped with two different, 
separate and common suction piping systems. The results 
were compared to experimental data and confirmed that the 
common suction pipe solution noticeably reduces the noise 
level by attenuating the pressure pulsations. Shebing Liang et 
al. [6] modeled a similar system designed for household air 
conditioners to gain the internal flow characteristics to opti-
mize their design process. The results were also confirmed 
by measurements and the difference from the CFD estimated 
data was below 10% in case of cooling capacity predictions 
meanwhile the resemblance in case of pressure characteristics 
was particular. Although the influence of the lubricating oil and 
the leakage flow was not considered. Simplified porous media 
approach was used to model tip leakage flow in the 3D CFD 
model for a rotary vaned expander presented by Gianluca et 
al. [7]. The model allowed to estimate the effect of the leakage 
flow on volumetric efficiency. The gained results claimed to 
show encouraging agreement with the experimental data and 
justified the suitability of the applied real gas approach empha-
sizing that the resistance coefficient used for modeling of the 
leakage flow has to be calibrated. Also remark was made that 
despite the agreeable results the applied mesh resolution should 
have been at least one order of magnitude finer than the one 
was used but which would have significantly increased the 
computational cost. Promising results was shown by Hui Ding 
et al. [8] in a more recent study where the aim was to assess the 
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capability of a purpose specific CFD software in simulating the 
flow within a rolling piston compressor equipped with a reed 
valve. Although experimental data here were not available the 
program appeared to be fast and robust, capable of simulating a 
whole revolution of the piston within hours with using moder-
ate computational power.
By the nature of their working process the cavities within 
the volumetric compressors are subjected to complex defor-
mations. Therefore deforming mesh has to be used to simulate 
transient effects. That makes the simulation of essential phe-
nomena such as leakage flows and heat transfer effects quite 
challenging since the desired mesh quality close to the bounda-
ries and within the narrow seal cavities is not always achiev-
able. In case of the above cited studies the heat transfer across 
the solid boundaries were neglected and except in case of [8] 
where seal clearances were numerically resolved in the other 
models the same clearances were modeled by using a resistance 
parameter or were not modeled at all, in which case the effect 
of the leakage flow was neglected.
Although deforming meshing seems to be ineludible in the 
study of Brancher et al. [3] the effect of the rotating rolling 
piston on the suction and discharge losses was estimated by 
steady 3D CFD solutions at different crank shaft angles. The 
predicted effective flow area and effective force area coeffi-
cients were implemented into a lumped parameter model. As a 
result significant improvement in the performance estimation 
were confirmed by experimental data.
Based on former experiences our preliminary target was 
to set up a representative CFD model for the newly designed 
rotary compressor shown in Fig. 1(b) [2] which allows us to 
investigate the internal flow characteristics in order to under-
stand the driving fluid dynamic phenomena. Assuming that the 
flow is mainly two-dimensional within the cylinder and the 
flow becomes significantly three-dimensional just close to the 
cylinder-outlet transition region, 2D models were also created 
where the outlet transition was modeled by a varied porosity 
layer and the results were compared to the 3D data to justify the 
validity of the lower dimension model.
2 Numerical model
In order to characterize the compressor performance before 
assembling the complete inverse engine system [2] prelimi-
nary experimental tests were planned where the loading of the 
compressor would be imitated by a simple throttling valve. To 
numerically resemble this scenario the throttling valve was 
modeled by a porous layer where the momentum equation has 
been modified by implementing the Darcy-Forchheimer type 
source term (Eq. (1)) [9] taking into account only the viscous 
resistance part (Eq. (2)) for the preliminary computations. For 
more accurate predictions the permeability and the inertial 
resistance factor has to be adjusted based on the measured data.
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The discharge valve was not modeled since in this case no 
back-flow from the discharge port was expected as the pressure 
ratio and the volume of the cavity between the throttling valve 
and cylinder outlet are relatively small.
Because of meshing considerations there is no direct con-
tact between the different parts at the sealings as it can be seen 
in Fig. 4(a). The deforming grid provides a connected domain 
of constant area so no parts of the flow domain are isolated 
from the rest. The sealings are modeled by a one cell high layer 
perpendicular to the cross direction (Fig. 4(a)). The flow is 
restricted by a porous domain defined in a narrow area limited 
to couple of cells within a given radius around the theoretical 
contact point of the sealings. Here the porous resistance was 
also defined only by Eq. (2). At this point the aim was to keep 
the leakage as small as possible and the value of 1/α in Eq. (2) 
was the allowed maximum by the solver.
Fig. 4 2D and sealing gap mesh (a) and 3D wedge mesh (b)
(a)
(b)
The initial mesh was created using ANSYS Workbench 
but during the simulation the mesh was controlled by Fluent’s 
dynamic mesh models [9]. The mesh holds only triangle ele-
ments within the regions affected by the motion of the mov-
ing elements. For the 3D simulations the triangular elements 
were extruded in the axial direction forming wedge elements 
(1)
(2)
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(Fig. 4(b)) which allows using the 2.5D remeshing approach. 
In the 2.5D model the triangular surface mesh is modified only 
on one side, and the changes are then extruded to the opposite 
side. Because of the large relative motion of the boundaries the 
deforming mesh was controlled both by smoothing and remesh-
ing algorithms. For smoothing the Spring/Laplace-based 
method was used. As the distortion of the cells increases by the 
large scale movements ANSYS Fluent agglomerates cells that 
violate the initially defined skewness or size criteria and locally 
re-meshes the agglomerated cells or faces. If the new cells or 
faces satisfy the skewness criterion, the mesh is locally updated 
with the new cells with the solution interpolated from the old 
cells. Otherwise, the new cells are discarded and the old cells 
are retained [9]. In the 2D models all the cells are directly con-
nected meanwhile in the 3D model the outlet pipe is connected 
across a non-conformal mesh interface to the cylinder.
To model turbulent quantities, realizable k-ε turbulence 
model was used, which was proven to be robust and reliable in 
similar cases [5, 8, 10]. Both at the inlet and the outlet the ambi-
ent temperature and pressure boundary conditions were implied. 
For the preliminary computations the walls were considered to 
be adiabatic. The working fluid is ideal compressible air.
2.1 Defining equivalent loading for 2D and 3D 
computations
The 3D computations proved to be extremely time consum-
ing. The simulation time for a complete revolution for a 3D 
case at 50Hz rotational speed took approximately 4.4 days on 
a i7 2600k processor using all 4 parallel cores. The average 
mesh counted 236500 cells. Since the time steps could not be 
increased proportionally by decreasing the rotational speed, 
computational time increased gradually at lower speeds. Mean-
while 2D cases at the same rotational speed the computation for 
one revolution completed within 9 hours on the same architec-
ture. For 2D cases the mesh counted around 27000 cells. The 
simulation is considered to be periodical after two revolutions. 
If the effect of the side walls is neglected, it can be assumed 
that the flow within the compressor is mainly two dimensional 
except within the close region of the cylinder-outlet joint. 
Therefore it became obvious that if the 3D effect of the cyl-
inder-outlet transition can be mimicked in 2D and the method 
with which the the equivalent throttling for 3D and 2D cases 
can be defined then the 2D and 3D cases become comparable. 
Therefore adequate solution for the most of the flowfield can be 
achieved with using just 2D simulations with tolerable amount 
of computational time.
Since the throttling is defined by Eq. (2) a formula for 1/α 
has to be defined with which its value can be converted from 
3D to 2D while keeping the loading at the same level. Based 
on the guidelines in [9] 1/α can be calculated if ∆p and the ratio 
of the outlet cross-section areas are known. The 2D simulation 
is representative for the case when the outlet is extruded to the 
axial direction forming a rectangular exit section which is as 
wide as the cylinder itself (Fig 5 (b)).
Within one revolution same amount of fluid passes across 
the outlet in both cases assuming that the leakage flow across 
the sealing is negligible. Considering Eq. 2 the equivalent value 
of 1/α can be calculated as follows:
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If the shorter edge of the rectangular cross section is equal to 
the diameter of the cylindrical cross section.
2.2 Modeling the effect of 3D cylinder-outlet 
transition in 2D
Besides defining the equivalent throttling, the effect of the sud-
den area change between the cylinder and the discharge pipe has 
to be simulated in the 2D model as well. Since the compression 
process goes on till the piston reaches the edge of the discharge 
port, this edge has to be at the same angular position in both 2D 
and 3D cases and also the width of the discharge port in 2D case 
should be the same as the diameter of the discharge port in the 3D 
case. This means that in 2D case the resulted losses are expected 
to be much less at the intersection of the cylinder and the outlet 
pipe since the cross-section of the outlet will be much larger than 
in 3D (Fig. 5). Considering that the dynamic head is 1/2ρv2 per-
pendicular to an infinitesimal dAk surface element (Fig. 6) and 
using the inertial part form Eq. (1) a porous layer can be defined 
for the 2D simulation to establish the following criteria:
1
2
1
2
2
2
ρ ρv C v v nr r rcirc rect rect= ∆
(a)
(b)
Fig. 5 Comparing the original 3D model (a)
with the model resembled by the 2D computation (b)
(3)
(4)
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Fig. 6 The relation between the 3D and 2D outlet layouts
Using the former considerations (applying the simple con-
tinuity theorem) a distribution of the inertial resistance factor 
(C2) in the radial (r) direction of the outlet joint can be derived 
as follows:
C r
h r C nc
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=
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ω
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where Cc is the contraction coefficient to simulate the decreased 
cross section at the vena contracta. The value for Cc was cho-
sen based on [11] taking the lowest possible value which is in 
this case is Cc = 0.6. The calculated distribution of the inertial 
resistance factor is shown in Fig. 7. The theory was tested on a 
simplified geometry representative for the outlet section (Fig. 8) 
which includes the increased resistance porous zone for throt-
tling and also the cylinder-outlet transition model in the 2D 
case. For the simulations constant mass flow boundary condition 
was applied at the inlet and at the outlet constant pressure was 
described. Both for the inlet flow and the outlet back-flow 5% 
turbulence intensity (TI) was specified with length scale equal 
to the tenth of the inlet hydraulic diameter. The results are sum-
marized on Table 1, where ∆pthrottle is the pressure drop across the 
porous zone representing the throttling, ∆pop is the pressure drop 
between the point where the cross section suddenly decreases 
and the outlet boundary and the mass flow rates are given relea-
tive to the highest mass flow rate which was simulated:
Table 1 Comparison between the estimated pressure drops calculated
with the simplified 2D and 3D models
 m mIII/ . ∆ ∆ρ ρthrottle D throttle D2 3 ∆ ∆ρ ρpop D pop D2 3
I. 0.07 0.93 0.97
II. 0.71 0.90 1.05
III. 1.00 0.88 1.03
Fig. 7 Distribution of C2 defined by Eq. (5) at the intersection of the cylinder 
and the outlet joint in the 2D case
The results suggest that the total pressure drop is slightly 
overestimated by the 2D model. It is also visible in Fig. 8 (c) 
that the porous zone mimicking the transition between the dif-
ferent cross section parallelises the incoming flow and does not 
allow to form separated zones at the narrow edge between the 
two sections. The simulations were repeated at different inlet 
TI levels. The highest difference appeared in 2D case where the 
predicted mass flow slightly increased by 0.02% when the inlet 
TI was changed from 10% to 2.5%. Therefore the effect of the 
inlet TI can be considered negligible within a reasonable range.
(b) 3D model symmetry surface
(a) Numerical domain of the 3D 
model
(c) 2D model without simulating the 
cylinder-outlet joint transition
(d) 2D model with simulating the 
cylinder-outlet joint transition
Fig. 8 Velocity distribution within the simplified exit model,
exit model, v [m/s]
(5)
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3 Results
Figures 9 and 10 show the variation of pressure within the 
cylinder taken at the inlet of the porous zone representative for 
the throttling at two different loadings. The pressure increases 
up to a certain point and reaches its maximum before the pis-
ton arrives to the outlet joint. As the compressed air leaves the 
cylinder faster than compressed volume decreases (Fig. 3), the 
pressure starts to decrease and reaches the level of the inlet 
pressure when the piston reaches the outlet joint at around 330o 
of crankshaft angle. Unlike in case of the simplified model here 
the total pressure drop seems to be slightly underestimated by 
the 2D compressor model. The corresponding actual mass flow 
rates are presented in Figs. 11 and 12 where dimensionless 
rotational speed and mass flow is defined as:
n N
RT
e
in
* =
m
m RT
e
in
in
* =

2ρ
The results with the modified outlet show good agreement 
with the simulation in most of the cases, and the results were 
noticeably improved when the cylinder-outlet transition model 
was added to the simulation. However, a slightly higher dis-
crepancy can be observed at the lowest rotational speed, which 
has to be investigated (Fig. 9 and 11).
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Fig. 9 Pressure upstream from the throttling valve at nominal throttling in function of the crankshaft position.
In ’2D wo’ case cylinder-outlet transition model was not incorporated.
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Fig. 10 Pressure upstream from the throttling valve with increased throttling in function of the crankshaft position.
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4 Conclusions
A transient CFD model for a newly designed rotary piston 
compressor architecture was created using ANSYS Fluent. To 
decrease the simulation cost the model was reduced to 2D. To 
complete the reduced dimensional model a new method was 
developed to simulate the 3D effect of the sudden cross section 
change at the cylinder outlet in 2D. The results of the simulations 
demonstrates the capability of the new 2D model to estimate the 
compressor performance in comparison with the 3D computa-
tions. However, to actually determine the quality of the model 
predictions the results have to be compared to experimental data. 
In possession of the measured data the resistance coefficients 
used for modeling the leakage flow and the loading need to be 
calibrated as well to improve the performance estimations.
Nomenclature
∆n  streamwise length of the porous zone, m
∆p  pressure difference, Pa
∆pop  pressure drop accross the outlet pipe, Pa
∆pthrottle pressure drop accross the throttling valve, Pa
m   mass flow rate, kg/s
A  surface area, m2
C2  intertial resistance factor, 1/m
Cc  contraction coefficient, −
d  outlet joint diameter, m
e  piston eccentricity, m
h  chord length, m
N  rotational speed, rot/min
n*  non-dimensional rotational speed
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Fig. 11 Outlet non-dimensional flow-rate at different rotational at nominal throttling as a function of the crankshaft position.
In ’2D wo’ case cylinder- outlet transition model was not incorporated.
Fig. 12 Outlet non-dimensional flow-rate at different rotational speeds with increased throttling as a function of the crankshaft position.
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pin  ambient pressure, Pa
R  specific gas constant, J/kg/K
r  radial coordinate, m
Si  source term for the i-th comp. of the
  momentum equation
Tin  ambient temperature, K
vi  i-th comp. of the velocity vector, m/s
ω  width, m
Greek letters
α  permeability, 1/m2
μ  dynamic viscosity , kg/m/s
ρ  density, kg/m3
Subscripts
2D  two dimensional case
3D  three dimensional case
cyl  cylindrical cross section
max  maximum value
rect  rectangular cross section
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